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The reliability and durability of piston rings in double-acting Stirling engines are critical to overall engine
performance. This study investigates the dynamic tribological behavior of the piston ring-cylinder liner contacts
during operation. By establishing a coupled dynamic-tribological-leakage simulation model, the friction, sealing,
and wear performance of the ring pack under rated and variable-speed operating conditions are systematically
analyzed. Under the rated condition of 1800r/min, the instantaneous maximum friction forces of the top ring
and the second ring are 392.3 N and 163.7 N, respectively, while the corresponding cycle-averaged friction
forces are 147.9 N and 94.8 N. The instantaneous peak frictional power losses are 1360 W and 590 W, and the
cycle-averaged frictional power losses are 470.2 W and 309.3 W, respectively. The peak total contact pressures
reach 18.9 MPa for the top ring and 13.55 MPa for the second ring, and the maximum radial wear depths after
100 h of operation are 0.121 mm and 0.115 mm, respectively. When the rotational speed increases from 900r /min
to 3600 r/min, the blow-by of the ring pack decreases by 68.8%, whereas the total frictional power loss and
the wear rate increase by 229% and 122%, respectively. These results quantitatively reveal an inherent and
previously unresolved trade-off between sealing performance and wear life for filled PTFE composite piston
rings in double-acting Stirling engines. The proposed framework provides physically based design metrics for
ring material selection, ring geometry optimization, and operating-condition assessment, and supports reliable
sealing performance and service-life prediction for Stirling engine applications.
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1. Introduction

The Stirling engine is a closed-cycle power device with con-
siderable application potential, particularly in applications
requiring flexible heat sources, high thermal efficiency, and
low emissions [1-3]. Increasing the working pressure is an
effective approach to achieving higher power density and
output power in Stirling engine systems [4, 5]; however,
higher pressures impose more stringent requirements on
the dynamic sealing performance and oil-free lubrication of
the piston ring pack [6]. For double-acting Stirling engines,
in which the piston separates two working fluid chambers,
reliable sealing is essential, as working gas leakage (blow-
by) and ring wear directly reduce efficiency and shorten

service life.

During the operation of double-acting Stirling engines,
piston rings are subjected to severe and strongly coupled
challenges, including alternating loads, high temperature
and pressure, oil-free sliding conditions, and interactions
among ring dynamics, asperity contact on rough surfaces,
and gas flow through ring gaps. Polytetrafluoroethylene
(PTFE)-based composite materials are commonly selected
as ring materials because of their self-lubricating proper-
ties and temperature resistance [7, 8], and their tribological
performance critically depends on transfer film formation,
filler content, and contact pressure distribution [9, 10]. Pre-
vious experimental and theoretical studies have character-
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ized PTFE transfer films and wear mechanisms (fatigue
wear and abrasive wear) [11-13], and have provided em-
pirical wear correlations for PTFE-metal friction pairs [14-
16]. However, these studies mainly offer qualitative or
empirical descriptions of the wear behavior of filled PTFE
materials and do not provide quantitative comparisons of
wear performance for filled PTFE-metal friction pairs.

In addition, advances in numerical modeling of
Stirling engines have promoted the development of
thermodynamic-dynamic coupled simulations [17-20]. Al-
though these studies provide predictions of overall engine
dynamics, piston sealing behavior is usually treated using
simplified assumptions, and friction, blow-by, and wear are
not explicitly resolved at the piston ring scale. Meanwhile,
other studies have focused on the tribological behavior and
wear mechanisms of PTFE-based piston rings under oilfree
lubrication conditions in Stirling engines [21-23]. These
studies rely on averaged contact conditions and do not
consider the time-varying contact pressure or ring dynam-
ics within an operating cycle. Investigations into leakage
characteristics in reciprocating seals have shown that non-
uniform pressure distributions and annular gap geometries
strongly influence leakage flow and local contact loads [24,
25]. However, in these studies, leakage evaluation is gener-
ally not synchronously coupled with friction dynamics or
progressive wear, and therefore cannot capture the mutual
feedback among these processes.

The Archard adhesive wear model [26] and its extended
forms [27, 28] are still widely used in engineering applica-
tions. Based on Archard wear theory, Ding et al. [29] and
Békési et al. [30] incorporated pressure-induced load varia-
tions or fracture criteria into wear life analysis, while Cao
et al. [31] introduced dynamic mesh updating to simulate
geometry evolution under wear. Despite these advances,
wear prediction is typically decoupled from transient blow-
by and ring dynamics, and most models assume steady or
cycle-averaged loading conditions.

By contrast, in the field of internal combustion engines,
Razavirad et al. [32] achieved synchronous wear calcula-
tion of piston rings and cylinder liners under dry friction
conditions. Ahmed Ali et al. [33] established a coupled
piston ring dynamics and mixed lubrication model based
on the Reynolds equation and the Greenwood-Tripp rough
surface contact model, while Mahmoud et al. [34] and Mah-
moud et al. [35] developed three-dimensional ring pack
models incorporating liner deformation, inter-ring gas flow,
and lubrication effects. These studies clearly demonstrate
that ring dynamics, gas flow, and contact mechanics must
be treated within an integrated framework. However, they
were developed for metallic ring-liner systems in internal

combustion engines, and their assumptions and conclu-
sions cannot be directly applied to oil-free PTFE composite
rings.

In summary, existing studies have largely addressed
PTFE composite tribology, engine dynamics, blow-by, and
wear prediction in a decoupled manner. For example, some
models predict wear [21, 29], while others analyze gas flow
or friction [22, 25]. To date, no published work has si-
multaneously integrated friction dynamics, blow-by, and
quantitative wear prediction for filled PTFE composite pis-
ton rings in double-acting Stirling engines. In such engines,
the piston ring separates two pressurized working cham-
bers, making the coupling mechanisms among ring motion,
leakage, and wear fundamentally different from those in
conventional single-acting or lubricated systems.

A fully coupled dynamic-tribological-leakage frame-
work is therefore required; however, the absence of such a
framework has limited the reliable prediction of sealing per-
formance and service life for Stirling engines operating un-
der oil-free and highpressure conditions. To address these
limitations, this study proposes, for the first time, a fully
coupled dynamic-tribological-leakage simulation frame-
work for filled PTFE composite piston rings in a double-
acting Stirling engine. The interactions among these mech-
anisms under oil-free, high-pressure operating conditions
are comprehensively investigated, the dynamic tribological
behavior and sealing characteristics under rated operation
are quantitatively evaluated, and the influence of rotational
speed is rigorously assessed.

2. Materials and methods

2.1. Theoretical analysis

Based on the actual operating conditions of the prototype
used in this study, the piston ring sealing arrangement and
the forces acting on a single ring in the Stirling engine are
shown in Fig. 1.

Here, p; denotes the hot-chamber pressure and p; the
cold-chamber pressure; the top ring is referred to as Ring
1 and the second ring as Ring 2. Both sealing rings are
open-ended (split) rings with straight cuts, and the guide
ring is fitted with pressurerelief holes.

During engine operation, and in accordance with
Hooke’s law, the tensile stress o experienced by the ring
may be expressed as follows [36]:

0 R —Rp

U:ESZER—():E R

)

Where E is the Young’s modulus of the piston ring ma-
terial under operating conditions (MPa); R is the ring’s
mean radius during operation (mm); Ry is the ring’s mean
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Fig. 1. Schematic of the piston ring pack configuration and
ring stress distribution [36]

radius at ambient (room) temperature (mm); and ¢ is the
radial tensile elastic deformation of the ring caused by the
temperature rise during operation (mm).

From the mechanical equilibrium it follows that the
resultant of the tensile stress ¢ over the cross-section in
the y-direction is equal to the y-component of the force
produced by the back-pressure p acting on the inner side
of the ring, Its formula is as follows [37]:

2hto = /0 " (phd sin g) 4B = phd, %)

By substituting Eq. (1) into Eq. (2), the formula for cal-
culating the ring back-pressure p is obtained:

, o 2Kt (R — Ryg) -

R,

Eq. (4) is used to calculate the piston ring’s mean radius
after the temperature rise [37]:

R = Ro(1+ aAT) ()

Substituting Eq. (4) into Eq. (3) yields the expression
relating the ring back pressure p to the operating tempera-
ture:

2Eta (Tq — T
_ ( dl 0) )

The static friction force of the ring pack, when it estab-
lishes a static seal in the ring groove, is given by Eq. (6)
[22]:

_ [2Eta(Ty —T) EA,
=¥ d t3sposio1) 0N

=Fp(Th, Py)

Where :
Fy : the static friction force of the piston ring in the static

sealing state (N); P;: the pressure of the sealing medium
(gas) (MPa); Ty: the operating temperature (°C); Ty: the ini-
tial temperature (°C); D : the outer diameter of the piston
ring (mm); ¢ : the ring’s radial width (mm); h: the ring’s ax-
ial thickness (mm); d: the inner diameter of the ring (mm);
A,: the size of the straight cut opening (mm); « : the linear
thermal expansion coefficient of the ring material (cc1.

The piston ring surface and the cylinder wall undergo
relative sliding, producing sliding friction on the sealing
surface. The magnitude of this sliding friction depends on
the relative velocity between the contacting bodies; hence,
the piston velocity directly influences the sliding friction.
Under sealed conditions, the sliding frictional force F; is
given by [22]:

Fy = Ff (Ty, Py) + k1o* — koo = Fy (T1, Py, o) (7)

According to the peeling-wear theory [38], the radial
wear volume Q; can be calculated using Eq. (8); this vol-
ume is obtained from the temperature variation associated
with the relative sliding of the ring [23]:

Q1 = KgpSL (8)

Where S denotes the sliding distance (mm), L is the
contact area between the ring and the liner (L = ht) (mm?),
and K; is the wear modulus (mm3/ Nm),v : Poisson’s
ratio (-).

In summary, the variation of piston-ring radial wear
volume with temperature can be expressed by Eq. (9):

2Et
Q1= KSSLT’X (Ty — To) )

2.2. Model assumptions and simplifications
For a double-acting Stirling engine, inter-cylinder pres-
sure coupling may induce gas "pumping" effects that in-
fluence local pressure fluctuations and leakage behavior.
To simplify the analysis, this study neglects inter-cylinder
"pumping” and focuses on a single-cylinder equivalent
model of the piston ring-liner sealing system. Based on
published studies on double-acting Stirling engines and
oil-free reciprocating sealing systems [25, 29], the omission
of inter-cylinder gas pumping typically results in an under-
estimation of blow-by on the order of 5 — 15%, depending
on phase angle and pressure coupling intensity. However,
this simplification does not affect the comparative trend
analysis with rotational speed, which is the primary focus
of this study.

Furthermore, the following assumptions are also
adopted:

(1) Wear of the piston ring is assumed to occur predom-
inantly in the radial direction. Axial wear is neglected,
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as previous studies indicate that axial wear has a much
weaker impact on sealing clearance compared to radial
wear [39].

(2) Leakage caused by early structural failure, fracture,
or abnormal deformation of the piston ring is not consid-
ered.

(3) The sealing components between the piston and the
cylinder comprise the guide rings and the piston rings,
as shown in Fig. 1. The guide rings are equipped with
pressure relief holes and do not serve a sealing function;
thus, they are assumed to have no effect on the sealing
performance of the piston ring pack.

(4) Wear mechanisms in oil-free piston rings are com-
plex, with comparatively consistent and predictable behav-
ior observed solely in the stable wear phase. Therefore,
this study concerns itself solely with the steady wear phase

occurring during normal operation.

(5) This study focuses on the influence of macroscopic
piston-ring wear on the sealing performance, service life,
and lubrication of the piston ring-cylinder sealing system,
and does not consider changes in the ring’s material proper-
ties during the wear process. Experimental studies indicate
that, after entering the steady wear stage, the mechani-
cal properties of filled PTFE composites exhibit minimal
temporal variation [14, 38].

(6) Young’s modulus of the piston ring material is
treated as constant within the operating temperature range
considered in this study (approximately 80 — 120°C). Ex-
perimental data for similar glass-fiber reinforced PTFE ma-
terials show that the variation in Young’s modulus within
this range is typically within £10% [13, 40]. Given that
Young’s modulus mainly affects thermal expansion-related
restoring forces, this assumption has a limited influence
on friction, contact pressure, and wear trends, which are
primarily governed by pressure boundary conditions and

surface contact mechanics.

Since the structural and motion characteristics of the
Stirling engine piston ring are similar to those of inter-
nal combustion engines, this study adopts the well estab-
lished dynamic simulation methods developed for internal
combustion engine piston rings. After appropriate sim-
plification of the piston ring pack-liner structure of the
Stirling engine prototype, a lubrication performance anal-
ysis model of the piston ring-cylinder liner system was
developed using AVL-EXCITE Piston & Rings. The model
employs a two-ring configuration, both being straight-cut,
open-ended rings with an end gap of 1.24 mm.

2.3. Model development

Numerical simulations were performed using AVL-
EXCITE Piston & Rings [software version: R2023.1]. The
solver settings and numerical parameters are listed in this
Section. The calculations were executed on a workstation
with: CPU = Intel Core Ultra 9185 H, number of cores
= 16, RAM = 64 GB, operating system = Windows 10 x64.

The basic input parameters for the simulation model
are listed in Table 1. The end gaps of the two rings are in-
stalled in the ring groove with a 180° offset. Fig. 2 presents
the running surface profile of the piston ring and its in-
stallation location within the ring groove. The ring has a
barrel-shaped profile. Under the rated operating condi-
tions, the pressures in the expansion space (hot chamber)
and the compression space (cold chamber) are shown in
Fig. 3, with the crankcase pressure maintained constant
at 10.3 MPa. The pressure boundary condition is derived
from measured data, processed through interpolation and
smoothing before being input into the model. The work-
ing fluid used for lubrication is helium, and its parameters
were set according to the physical properties of helium.
The piston ring material is glass-fiber and ferric-oxide filled
PTFE. For glass-fiber-reinforced PTFE composites sliding
against metallic liners under oil-free or dry-running condi-
tions, based on experimental studies [13, 29, 40] and consid-
ering the specific material characteristics (PTFE filled with
glass-fibers and ironoxide), the operating temperature (ap-
proximately 100°C), and the contact pressure levels in the
present study, a wear coefficient of 1.5 x 107® mm?/Nm
was adopted as a representative value corresponding to
steady-state wear conditions, which is capable of capturing
the dominant wear behavior and trend characteristics of the
piston ringcylinder liner system. In this model, the calcula-
tion step size is set to 0.1°CA. The time integration employs
an implicit matrix formulation with dual convergence cri-
teria (force and displacement iterations) at a tolerance of
1 x 107%. Numerical simulations were performed using
AVL-EXCITE Piston & Rings, which employs a paramet-
ric reduced order discretization rather than conventional
three-dimensional finite-element meshing. In the present
model, the piston ring running surface was discretized
circumferentially into 120 nodes, while the cylinder liner
contact surface was discretized into 100 nodes for contact
pressure and wear evaluation. The axial contact resolution
is implicitly defined by the ring profile and groove geom-
etry following the standard formulation of the software.
The adopted discretization was verified to provide numeri-
cally stable distributions of friction force, contact pressure,
and wear depth, and further refinement did not affect the
qualitative trends of the results.
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Table 1. Basic parameters of the piston ring-cylinder liner model

Engine parameters Values
Rated speed (r/min) 1800
Stroke (mm) 50
Connecting rod length (mm) 140
Crank radius (mm) 25
Cylinder bore (mm) 90
Heat power (kW) 173
Clearance ( ym) 50
Average operating temperature of the piston ring ( °C) 100
Piston outer diameter (mm) 89.7
Cylinder liner surface roughness Ra( ym ) 0.04
Piston ring surface roughness Ra(ym) 1.5
Elastic modulus of the cylinder liner (GPa) 190
Working fluid (-) Helium
Piston ring material properties Values
Density (g/cm?) 2.645
Brinell hardness (HB) 45
Tensile strength (MPa) 20.2
Elongation at break (%) 340
Elastic modulus (MPa) 1185
Thermal expansion coefficient (1/°C)) 1.22 x 10~
Friction coefficient (-) 0.22
Wear coefficient ( mm>/Nm )[29] 1.5 x 107
Poisson’s ratio (-) 0.45
Thermal conductivity W/ (m - K) 0.32
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Fig. 2. Installation position and running surface profile of
the piston ring

Parameter setting of the cylinder liner profile: The liner
surface profile can be defined using one or more individual
patches, in which the radial deviations from the reference

liner is shown in Fig. 4a, and the defined liner profile is
shown in Fig. 4b.

2.3.1. Motion model
The external forces applied to a single ring are illustrated
in Figure 5. These forces and moments arise from gas pres-
sure, inertial effects, ring twist and tilt, and the interactions
between the piston ring groove and the liner.

Axial motion of the piston ring: When the ring is in
contact with the groove side surface, the contact force be-
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Fig. 4. Definition of the cylinder liner profile

tween the ring and the groove can be obtained from the
force equilibrium, as expressed by Eq. (10):

Feontact ax = Fbending +F inertia ,ax +F fric ,ax + F gas ,ax (10)

Where:
Fgas ax : the gas force (N); Finertia ax : the inertia force
(N); Firic ax : the friction force between the cylinder wall
and ring running surface (N); Fyending : the bending force
caused by the interaction between the thrust and anti-thrust
sides (N).

Radial motion of the piston ring: The contact force be-
tween the ring running surface and the cylinder liner is
given by Eq. (11):

F contactrad — F, gas,rad +F tension + F fric,rad (11)

2.3.2. Rough contact model

When glass fiber filled PTFE contains a relatively high filler
fraction, its elastic modulus increases markedly, and under
light-to-moderate loads it exhibits predominantly elastic
deformation [40, 42, 43]. The statistical formulation of
the Greenwood-Tripp model is appropriate for predicting

Fgasrad N

+ mR. X

Fresia Firicax
- M g

Fhydr,rad
Firicrad j
—

Pbelow

N

Z

Fhydr,ax BOTTOM

Fig. 5. Force system acting on the piston ring [41]

asperity contact density and contact-area distribution at
filled PTFE metal interfaces [44]. Under light load, low
interference PTFE metal contact conditions, the contact-
pressure error for spherical asperities remains within a
reasonable range, so the Greenwood-Tripp model’s elastic
assumption is still justified [45].

In this study, the piston-ring material contains a rel-
atively high proportion of glassfiber filler, and the rings
operate normally under light loads. Therefore, the rough
contact process is defined here by the Greenwood-Tripp
model for dry contact between rough surfaces, with the
mean rough contact pressure given by the following ex-
pression [46]:

Pa = 16f7t (0555)2 \/%E*sz (HS) (12)

Where:

F5/, = the form function
_ [ 44086 x 1075 (4 — H,)**™*  H, <4
0 H; >4
1
(1—2 | 1-®\
(0 + )
E : Young’s modulus of material near the surface (MPa);
H;: Nominal clearance between the contacting surfaces
(mm); B: Asperity mean summit radius (pm); 17s: Number

of summits in the nominal area A(—); v : Poisson’s ratio
(—); 05 : RM.S surface roughness (ym).

E* = composite elastic modulus =

2.3.3. Wear model

The piston rings in the Stirling engine are made of filled
PTFE and undergo relative sliding against a metal cylinder
liner; their primary wear mechanism is adhesive wear. Ac-
cording to Archard’s adhesive wear model, the wear can
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be expressed as follows [26]:
__ KFs
 H

Considering that the wear of the ring is mainly concen-
trated along the radial depth direction, both sides of Eq. (13)
are divided by the wear area AA, yielding the following

Vv (13)

wear equation [26]:

K
hwear = EPS (14)
The wear modulus K; is defined as K; =
K/H(N/ mmz), By introducing a time interval Af,
Equation (14) can be rewritten as [26]:

Ah = Kspro At (15)

Where:

V : the wear volume (mm?); K : the dimensionless wear
coefficient (—); F : the normal load applied to the contact
surfaces (N); S : the sliding distance (mm); H : the Brinell
hardness of the softer contacting material (N/ mmz); h: the
wear depth (mm); P: the local normal pressure acting on
the wear area AA(MPa); Ah: the increment of wear depth
(mm); ps: the pressure as a function of time (MPa); v, : the
relative sliding velocity (mm/s).

3. Results and discussion

3.1. Friction force and power loss of the piston rings

Fig. 6 shows the friction force and power loss of the ring.
Figs. 6a and 6b show the variation of the friction force and
friction power loss between the ring and the cylinder liner
with the crankshaft angle when the crankshaft speed is
1800r /min at the rated working condition. As shown in
Figs. 6a and 6b, the friction force peaks between Rings 1 and
2 and the cylinder liner both occur at top dead center (TDC),
with peak values of 392.3 N and 163.7 N, respectively. The
corresponding peak frictional power losses are 1360 W and
590 W, which appear in the first half of the expansion stroke
after TDC, indicating a clear phase lag between friction
force and frictional power loss. Over a complete operating
cycle, the cycle-averaged friction forces are 147.9 N and 94.8
N, respectively, while the cycle-averaged frictional power
losses are 470.2 W and 309.3 W.

At TDC, the combined effects of high hot-chamber pres-
sure, large pressure differential between the two chambers,
increased ring back pressure, and thermally induced ring
expansion result in the maximum normal load and thus the
peak friction force. However, because the piston sliding
velocity approaches zero at TDC, the instantaneous fric-
tional power loss decreases to 0 W. After TDC, the piston
velocity increases rapidly, while the rings still sustain a

relatively high pressure differential [47], causing the fric-
tional power loss to reach its maximum at a later stage of
the expansion stroke. In addition, transfer-film behavior
also contributes to this phase-lag phenomenon. During the
early expansion stroke, the piston ring operates closer to
the hot end and immediately after the reversal of motion
direction, where the formation conditions of the transfer
film are less favorable and its stability and effectiveness are
relatively low. This condition can temporarily increase the
effective friction coefficient, further enhancing the frictional
power loss within this crank-angle range. These findings
collectively indicate that the phase difference between the
peak friction force and the peak frictional power loss re-
flects the coupled effects of pressure-driven loading, piston
kinematics, and transient transfer-film behavior during the
dynamic sealing process, while also revealing the transient
characteristics of frictional energy dissipation in the piston
ring-liner tribological system. Figs. 6c to 6e respectively
show the effect of rotational speed on the total friction force
between the ring pack and the liner, the total frictional
power loss, and the radial force on the second ring caused
by back pressure. Figs. 6¢c and 6d indicate that, during the
latter phase of the compression stroke, the higher speed of
3600r/min reduces the total friction force compared with
the lower speeds of 900r /min and 1800r/min. This reduc-
tion is mainly because, with the cold chamber pressure held
at 10.3 MPa, the second ring carries most of the pressure
differential and the back pressure on the second ring is
markedly lower at high speed, which in turn reduces the
radial load and the total friction force. In the remaining
crank-angle ranges, changes in speed have little effect on
the instantaneous total friction, since a relatively uniform
transfer film forms between the rings and the liner within
the normal operating-speed range. Consequently, the cycle-
averaged friction forces show only minimal variation with
speed, remaining within £2%.However, speed significantly
influences the rings’ fatigue life and wear life, which are
jointly determined by the ring material properties and the
interaction of the mating surfaces.

As shown in Fig. 6e, at 900r/min, 1800r/min and
3600r/min, the maximum total friction power loss of the
ring pack in the first half of the expansion stroke is 940
W, 1850 W and 3650 W, respectively. When the speed rises
from 900r/min to 3600 r/min, the maximum total friction
power loss increases by about 288%. The cycleaveraged
total friction power loss also increases with speed, rising
from 410 W to 1349 W, an increase of about 229%.

Fig. 7 shows the frictional dynamic characteristics of
the ring-liner system. Figs. 7a and 7b present, respectively,
the total contact pressure and the rough contact pressure
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Fig. 6. Friction force and power loss of the rings

between the rings and the liner; Fig. 7c show the ring pack
blow-by and the effect of rotational speed on blow-by, re-
spectively.

At the rated condition (1800r/min), Fig. 7a shows that
the total contact pressure of the top ring fluctuates widely,
peaking at about 18.9 MPa near the TDC of the expansion
stroke and falling to roughly 1.3 MPa near the bottom dead
center (BDC). The second ring’s total contact pressure is
relatively stable, ranging from 10.25 to 13.55 MPa, with its
maximum and minimum occurring near the compression-
stroke TDC and BDC, respectively. These differences in-
dicate that the top ring plays the dominant role in instan-

taneous sealing and load carrying, while the second ring
mainly provides auxiliary sealing. Fig. 7b shows that the
rough-contact pressure exhibits the same crank-angle de-
pendence as the normal load: its maximum value of 2.075
MPa occurs near top dead center (TDC), and it decreases
towards bottom dead center (BDC), where the minimum
value of 0.25 MPa is observed. This behavior arises be-
cause the ringliner normal force is primarily governed by
the instantaneous pressure differential and the ring back
pressure, both of which reach their maximum near TDC
and decrease to their minimum near BDC. Meanwhile, un-
der mixed-contact conditions, part of the applied load is
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(c) Effect of engine speed on blow-by

Fig. 7. Frictional dynamic characteristics of the piston ring
system

carried by the non-asperity contact component; therefore,
the roughcontact pressure does not vary linearly with the
total contact pressure. During the steady wear stage, the
presence of a relatively stable transfer film, together with
filler transfer and asperity-flattening effects, further sup-
presses extreme asperity overloading and helps mitigate
pressure spikes, thereby maintaining the system in a stable
mixed-contact regime.

Fig. 7c show that the ring-pack blow-by is relatively
large near bottom dead center. This is because the pressure
differential between the two chambers is smallest at that lo-

cation and the gas more readily expands and flows, which
increases blow-by; blow-by is smaller at other crank an-
gles. Within the rotational speed range of 900 to 18001 /min,
the influence of speed on the cycle-averaged blow-by is
not significant. However, when the rotational speed is in-
creased to 3600r/min, the average blow-by decreases from
0.0016 m3/s to 0.0005 m3 /s, corresponding to a reduction
of approximately 68.8%. Therefore, a moderate increase
in speed can help reduce instantaneous blow-by and inter-
chamber gas exchange; however, higher speeds raise the
ring wear rate and shorten ring life, so a trade-off between
sealing efficiency and service life is necessary.

3.2. Wear of piston rings

Fig. 8 shows the wear characteristics of the rings. Fig. 8a
presents the radial total wear depth profile of the running
surface; Fig. 8b gives the radial depth wear rates at different
rotational speeds; and Fig. 8c shows the radial wear depth
as a function of accumulated operating time.

Fig. 8a indicates that, under the rated condition
(1800r/min) after 100 hours of cumulative operation, the
maximum radial wear depths of the top ring and the second
ring are both located in the mid-axial region, and are 0.121
mm and 0.114 mm, respectively. For all investigated cases,
the maximum radial wear depth consistently appears in the
mid-axial region of the running surface. This behavior can
be interpreted based on the Archard wear formulation, in
which the local wear rate is proportional to the product of
the local normal contact pressure and sliding velocity. Con-
sequently, the axial location with the highest time-averaged
pressure-velocity (PV) level will accumulate the greatest
wear. Due to the barrel-shaped ring profile and slight ring
tilting during operation, the mid-axial region maintains
more continuous and stable contact with the liner, result-
ing in higher time-averaged contact pressure and longer
effective sliding duration. In contrast, the edge regions ex-
perience partial unloading and intermittent contact, which
reduces the local PV level and limits wear accumulation.
In addition, thermal effects caused by the temperature gra-
dient further enhance this nonuniform distribution. The
mid-axial region operates under relatively higher thermal
loading, which can locally reduce the effective hardness
of the PTFE composite and slightly increase the wear co-
efficient. These effects intensify wear in this region. As
shown in Fig. 8b, the radial depth wear rate increases sig-
nificantly with increasing rotational speed. When the speed
is increased from 1800r/min to 3600r /min, the depth wear
rates of Ring 1 and Ring 2 increase by 121.5% and 116.5%, re-
spectively. Moreover, the rate of wear growth accelerates as
rotational speed continues to increase. Fig. 8c demonstrates
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Fig. 8. Wear characteristics of the rings

Table 2. Summary of key simulation results at different rotational speeds

P tpm 900 1800 3600 A% (900 to 1600)
arameter

Ring 1

Max friction force (N) 358.5 392.3 387.1 +8.0%
Avg friction force (N) 143.4 147.9 142.1 -0.9%
Max power loss (W) 683.3 1360 3068.2 +349.0%
Avg power loss (W) 216.9 470.2 1055.6 +386.7%
Depth wear rate (um/h) 0.68 1.21 2.69 +295.6%
Ring 2

Max friction force (N) 165.1 163.7 77.2 -53.2%
Avg friction force (N) 91.6 94.8 89.9 -1.9%
Max power loss (W) 407 590 738.1 +81.3%
Avg power loss (W) 196.1 309.3 293.7 +49.8%
Depth wear rate (yum/h)  0.63 114 2.48 +293.7%
Ring back

Avg blow-by (m3/s) 0.0016 0.00125 0.0005 —68.8%

that, as operating time increases, the wear of both rings
grows and the difference between them widens, indicating
that the top ring operates under more severe conditions
and is more prone to premature failure.

Fig. 8d presents the wear depths of the rings after 100
hours of continuous operation at different rotational speeds.
When the rotational speed increases from 900 to 3600r / min,

the wear depths of Ring 1 and Ring 2 increase by 297% and
286%, respectively, demonstrating a nonlinear accelerated
increase in wear with rising rotational speed.

Table 2. Summary of key friction, wear, and sealing
performance metrics of the piston ring system at different
rotational speeds. Relative percentage changes from 900
r/ min to 3600r/ min are provided to enable direct quan-
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titative comparison of speed effects and to highlight the
trade-off between frictional losses, wear severity, and seal-
ing performance.

4. Conclusions

a) Under the rated condition (1800r/min): The instanta-
neous friction force peaks for the top ring and the second
ring occur at top dead center, reaching 392.3 N and 163.7
N, respectively. The peaks of frictional power loss are 1360
W and 590 W, concentrated in the first half of the expan-
sion stroke after top dead center. The total contact pressure
of the top ring fluctuates widely (1.3 MPa to 18.9 MPa),
whereas that of the second ring remains more stable (10.25
MPa to 13.55 MPa). The asperity contact pressure of both
rings reaches its maximum at top dead center (2.075 MPa)
and its minimum at bottom dead center (0.25 MPa). The
blow by of the ring pack increases sharply near bottom
dead center. The top ring exhibits a higher depth wear rate
than the second ring (0.121 mm vs. 0.114 mm after 100
hours of operation).

b) The influence of rotational speed on the cycle aver-
aged friction force is limited (varying within +2% over the
range of 900 to 3600r/min ). However, the frictional power
loss increases significantly with speed: the cycle averaged
power loss of the top ring rises by approximately 386.7%,
and that of the second ring by about 49.8%.

c) The radial depth wear rate increases markedly with
rotational speed. From 900r/min to 3600r/min, the wear
rate of the top ring increases by about 295.6%, and that
of the second ring by about 293.7%. The maximum wear
consistently appears in the mid axial region, which is at-
tributed to the highest time averaged pressure velocity (PV)
level and relatively high local thermal load in that zone.

d) Conversely, sealing performance improves at higher
speeds. Owing to enhanced dynamic sealing and a shorter
effective leakage time per cycle, the cycle averaged blow
by decreases by approximately 68.8% when the speed in-
creases from 900r/min to 3600r /min. These results reveal
a clear trade off between improved sealing capability and
accelerated wear at elevated rotational speeds.

In summary, the present findings provide a valuable
reference for the material selection, geometric optimiza-
tion, operational condition assessment, and balancing of
sealing performance against service life of oil-free piston
rings in double-acting Stirling engines operating within the
900 — 3600r /min range. Although the numerical values re-
ported here are specific to the studied system configuration,
the coupled modeling framework integrating multibody
dynamics, the Greenwood-Tripp rough-contact model, and
the Archard wear theory is generally applicable to other

reciprocating machinery employing self-lubricating com-
posite rings. Furthermore, the universal trends identified
in this study-such as pressure-dominated friction near top
dead center, nonlinear growth of power loss with speed,
and the trade-off between sealing enhancement and wear
acceleration-can support the design optimization of similar
high-pressure oil-free sealing systems.
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nomenclature

Acronyms

o linear thermal expansion coefficient of the ring material
cch

B asperity mean summit radius (ym)

AA wear area (m?)

Ah the increment of wear depth (mm)

At time interval (s)

s Number of summits in the nominal area A(—)

o tensile stress (MPa)

s R.M.S surface roughness (ym)

€ radial tensile elastic deformation of the ring caused by
the temperature (mm)

A, size of the straight cut opening (mm)

d inner diameter of the ring (mm)

E* composite elastic modulus (MPa)

F/» the form function (-)

Foending  bending force caused by the interaction between the
thrust and antithrust sides (N)

Feontact, rad  contact force between the ring running surface and the
cylinder liner (N)

Feontact, ax contact force between the ring and the groove (N)

Firicax  friction force between the cylinder wall and ring running
surface (N)

Feas ax  gas force (N)

Finertia, ax 1nertia force (N)

F; the sliding frictional force (N)

Fr static friction force of the piston ring in the static sealing
state (N)

H Brinell hardness of the softer contacting material
(N/mm?)

h ring’s axial thickness (mm)

Nwear wear depth (mm)

H, nominal clearance between the contacting surfaces (mm)
K the dimensionless wear coefficient (-)

L contact area between the ring and the liner (mm?)
P local normal pressure acting on the wear area (MPa)
4 ring back-pressure (MPa)

Py pressure of the sealing medium (MPa)

Pt the pressure as a function of time (MPa)
(o)} radial wear volume (mm?3)

R ring’s mean radius during operation (mm)
Ry ring’s mean radius at ambient (room) temperature (mm)
S sliding distance (mm)

t ring’s radial width (mm)

Ty initial temperature (°C)

T operating temperature (°C)

v Poisson’s ratio (-)

vy relative sliding velocity (mm/s)

D outer diameter of the ring (mm)

E Young’s modulus of the piston ring material (MPa)
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F
Ks
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normal load applied to the contact surfaces (N)
wear modulus (mm?3/Nm)
wear volume (mm?)
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